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Abstract—An analysis has been developed to predict induced flow and heat transfer in an asymmetrically
heated, vertical parallel-plate channel. The problem considered is related to numerous industrial, electronic
and power equipment cooling applications. The flow of air in the channel is induced by the thermal
buoyancy force. A low Reynolds number k—¢ turbulence model is used in conjunction with heat transfer
analysis in the channel. The model predictions are first compared with available experimental data for the
purpose of validating the model. Then, the local heat flux and Nusselt number distributions are presented
to obtain understanding of the physical phenomena and scaling relations for induced flow rate and average
heat transfer coefficient are developed in terms of relevant dimensionless parameters. © 1997 Elsevier
Science Ltd.

INTRODUCTION

Vertical two-dimensional channels (slots) formed by
parallel plates are frequently encountered con-
figurations in natural convection air cooling of elec-
tronic equipment, ranging from transformers to main-
frame computers, from transistors to power supplies
and cooling of nuclear reactor fuel elements to cooling
of containment [14]. When two vertical, parallel
plates are placed facing each other in an infinite vol-
ume of fluid with at least one of them heated, the
natural convection flow is induced between the plates
due to the buoyarcy generated by heating the fluid.
Heat transfer by natural convection from vertical
plates with uniform wall temperature or heat flux have
received considerable research attention and an exten-
sive discussion is available [5]. Up to date literature
citations can be found in more recent publications [6-
8]. In summary, the majority of studies have been
theoretical for laminar flow. Only a few studies have
been reported for turbulent flow. Miyamoto et al. [9]
studied experimentally turbulent natural convection
low and heat transfer in an asymmetrically heated
vertical, parallel-plate channel. Local velocity and
temperature distributions and heat transfer measure-
ments were reported. Theoretical analysis of turbulent
flow and heat transfer in a channel have also been
reported [4, 10]. However, no scaling relations for

natural convection flow and heat transfer in a vertical, ~

parallel-plate channel have been identified. For the
sake of completeness, a few theoretical studies con-
cerned with laminar natural convection transport

T Author to whora correspondence should be addressed.

should be mentioned. Natural convection heat trans-
fer in an asymmetrically heated, vertical, parallel-plate
channel, with one wall heated by a uniform flux and
the other thermally insulated, has been studied by
Miyatake et al. [11]. Natural convection flow and heat
transfer between vertical plates at unequal tem-
peratures [12], with one plate isothermally heated and
the other plate insulated [13], have also been inves-
tigated. Reference is made to Ramanathan and
Kumar [6] for a more complete list of studies on
laminar natural convection between heated vertical
plates.

The present theoretical study is concerned with tur-
bulent natural convection in an asymmetrically heated
vertical, parallel-plate channel. The aim is to gain
improved understanding of turbulent flow and ther-
mal structures and to develop scaling relations for
natural convection heat transfer. To this end, the low
Reynolds number k-¢ turbulence model is used to
simulate turbulent flow. Numerical results are
reported for dry air as the coolant.

ANALYSIS

Physical model, assumptions and model equations
Consider an asymmetrically heated vertical, par-
allel-plate channel shown schematically in Fig. 1. The
left wall of the channel is heated by imposing a uni-
form wall temperature or heat flux. The right wall of
the channel (slot) is adiabatic. Air enters the channel
at temperature T,. We consider the case where the
thermal buoyancy force drives the fluid motion. The
transport processes are considered steady and the flow
incompressible. Radiation heat transfer is neglected.
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Fig. 1. Schematic diagram and coordinate system for natural
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convection transport in a vertical, parallel-plate channel.

NOMENCLATURE
C,, C,, G5, C, empirical constants in the k-¢ Greek symbols
turbulence model o thermal diffusivity, k/pc,
p specific heat & dissipation rate of turbulent kinetic
D, hydraulic diameter energy
f1, /2, f, functions in the k—¢ turbulence model U dynamic viscosity
G generation term in turbulence v kinematic viscosity
equations, equation (7) p density
Gr Grashof number, gBATW?/v? 04 6, turbulent Prandtl number for k£ and
H height of the parallel-plate channel &, respectively.
(see Fig. 1)
h heat transfer coefficient
k kinetic energy of turbulence or Subscripts
thermal conductivity b refers to bulk gas
Nu Nusselt number, equation (15) c refers to cold wall
Pr Prandtl number, pc,/k or v/a H refers to height of channel (see Fig. 1)
Pr, turbulent Prandtl number, p.c,/k, h refers to hot wall
q heat flux, equation (13) k refers to kinetic energy
Re Reynolds number, pyveDy/u ] refers to sensible
Re, turbulent Reynolds number, k*/ev t refers to turbulent quantity
T tempeature w refers to heated wall
Tu turbulent intensity y refers to local quantity along y-
u horizontal velocity component in the coordinate
x-direction o refers to inlet of channel.
v vertical velocity component in the y-
direction
w channel width (see Fig. 1) Superscripts
X coordinate as defined in Fig. 1 — averaged quantity
y coordinate as defined in Fig. 1. ! fluctuating quantity.
w The time-averaged Navier—-Stokes equations of
[~ motion for steady, two-dimensional incompressible
flow in a vertical channel can be written as:
Conservation of mass (continuity)
O(pu)  8(pv)
‘ Ambient ox + o 0. )
3 E I o ,
H 3 % g Conservation of X-momentum
g s a
£ 3 e (e
G, ou| 2 ok
- + 6y[(u+ut) 6y:|_ 3P @
: j X,u Conservation of y-momentum

i, 0 op 0 ov
) + @(PUU) =% 5;[(#‘*‘/%) a}

0 ol 2 ok
+ 5;[(u+ut) a_y]“ 3%y +(p—po)g. (3)
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Conservation of energy equation
0 i) ol /k w\oT
s 5o =24 )3

ol/k w\oT

* aY[<cp " Prt> ﬁy]' @
The superscript bar (7) usually employed to denote
time-averaged dependent variables is neglected for the
sake of simplicity in notation. The turbulent dynamic
viscosity g, is to be predicted from the knowledge of
the kinetic energy of turbulence k and turbulent kin-
etic energy dissipation rate ¢. Note that in the above
formulation the variation of the thermophysical
properties (density, viscosity and thermal con-
ductivity) with temperature has been accounted for
using published information [14].

The transport equations for k and ¢ are formulated
using the low Reynolds number k—¢ turbulence model.
These equations can be derived from the Navier—
Stokes equations of motion and are given as [15, 16].

Turbulence kinetic energy (k-equation)

o 0 o[  w\ok
ax U+ 5 (pok) = ax[(’” ak)ax]

0 e\ Ok g w \op
+ ay[(u+ Gk> ay]—ps+ p(Pr[> 3 +G. (5

Kinetic energy of turbulence dissipation (g-equation)

0 0 0 i\ Oe
5;(/’“8) + a—y(Pvﬁ) = a[(#-'- ;) ail

ol m\0
+ ay[(\’” Gg) ay]+ Cuf (6/k)G
_ 2 g( me \op
Cofape /k+C3p<Prtk> 2 ©)
where
Ou;  Ou;\ow; 2 ou;
G=n (5;7, * ax,.> ax, 305 D

In the conservation equations and the k—¢ turbulence
model equations, the turbulent dynamic (eddy) vis-
cosity for momentum, y,, is related to &k and ¢ by

= Cpf,(k[e). ®)

The appropriate constants, factors, turbulent Prandtl
and Schmidt nurnbers, as well as the low Reynolds
number wall damping functions, f,, f; and f; are not
well-known for turbulent, buoyancy-driven con-
vective flows, although they have been generated and
optimized for forced convection boundary layer flows
[17-19]. A recent discussion of low Reynolds number
k—¢ turbulence models for forced flows in pipes is
available [20]. Reference is made to Perez-Segarra et
al. [21] for a comprehensive citation of studies which
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Table 1. The constants and functions for the low Reynolds
number k—¢ turbulence model

C, G C C, Pr, oy a,
1.44 1.8 1.5 0.09 09 10 13
fi 1.0

f 1.0—0.3 exp (— Re?)

£, exp [—3.4/(1— Re,/50)]

have employed the low Reynolds number k—¢ tur-
bulence model to simulate transport under natural
convection conditions. For lack of a better choice,
these results for forced convection flows are retained
in the present analysis for natural convection. The
values of constants and functions are listed in Table
1.

As the flow involves combined heat and mass trans-
fer, the turbulent Prandtl number must be specified.
Calculations with a constant value of Pr, = 0.9 across
the boundary layer show no pronounced effect on the
heat transfer coefficient (i.e. Stanton number) and
temperature distributions [18]. Therefore, a value of
Pr, = 0.9 is used in the calculations.

Boundary conditions

A no-slip boundary condition is imposed on the
velocity components at the walls. The velocity at the
inlet is computed from a mass balance and the velocity
gradient is set to zero at the outlet. Either a uniform
heat flux or a uniform temperature boundary con-
dition is imposed at the heated, left wall of the channel.
The boundary conditions for k£ and ¢ at the wall,
consistent with the equations for the low Reynolds
number k—¢ turbulence model, are [15]

k=0 atwalls ©

1/2

2
£ = 2(;4/p)<6’;x > atwalls.

(10)

The kinetic energy of turbulence at the inlet (y = 0)
is expressed as
3 2
k=k,= 3 Tu,v; (1)
where Tu, is the turbulence intensity at the channel

inlet. The turbulent kinetic energy dissipation rate, &,
at the inlet is given by

C\/pks"
e =) (%)

where x,, is the distance measured from the wall. The
air temperature at the inlet to the channel is specified
to be the ambient temperature and the temperature
gradient is assumed to vanish at the exit of the channel.

(12)

Heat transfer parameters
The local heat exchange from the heated wall to the
air stream depends on the temperature gradient on
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the air side. The convective heat transfer flux from the
heated wall to the dry air stream can be expressed in
terms of the local heat transfer coefficient (4,) as

oT
9.(y) = —k=—=K[T.0)-T,(] at x=0

(13)

where the subscript ‘w’ denotes the quantities at the
hot wall and the local bulk temperature 7, in the
channel is defined as

w w
Ty(») = f pevTdx j pepy dx. (14
0 0

For the purpose of generalizing the heat transfer
results, the local Nusselt number along the hot wall is
defined as

Nu. = hDy 2wy, _
YTk KT -TO]
2W(0T/dx),,
“mo-non P
Method of solution

A finite-difference numerical solution technique
based on integration over the control volume is used to
solve the model equations with appropriate boundary
conditions. The SIMPLER algorithm is employed to
solve the model equations in primitive variables and
this is discussed in detail by Patankar [22]. The appli-
cation of the method to the solution of the transport
equations under the natural convection conditions is
detailed elsewhere [23] and does not need to be
repeated here. Suffice to mention that final converged
steady-state solutions were obtained by solving iter-
atively the unsteady transport equations with very
large pseudo-time steps. The fully implicit Euler
method was used to march the solution in pseudo-
time. The thermophysical properties (density, vis-
cosity and thermal conductivity) were evaluated
explicitly, based on the temperature from the previous
iteration (pseudo-time step). In order to improve the
resolution of dependent variables in the turbulent
boundary layers a non-uniform grid has been
employed [23]. Grid independence of the results was
established by employing different size meshes, rang-
ing in size from 51 x 101 to 101 x 401.

The turbulent k- and ¢- equations are homogeneous.
Therefore, the initial values for turbulent kinetic
energy k and its dissipation rate, ¢, must be specified
in order to start the iterative calculations. In all results
presented the initial distributions for & and ¢ were
assumed to be uniform and equal to 10~* and 1073,
respectively. No special models have been utilized to
trigger transition to turbulence at some specific
location in the flow field. In the results presented the
transition from the laminar to the turbulent regime
occurs naturally as the solution of the governing trans-
port equations.
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It is necessary to mention that the SIMPLER
method adopted for the numerical solution of the
transport equations is not extremely robust for low
Reynolds number of mixed convection flows and the
intimate coupling of model equations cause additional
difficulties. In addition, the k—¢ turbulence model
equations are highly nonlinear and must be solved
simultaneously with the transport equations. This
required a large number of iterations (pseudo-time
steps) to obtain converged solutions.

RESULTS AND DISCUSSION

Comparison of model predictions with experimental
data

Experimental data have been reported by Miya-
moto et al. [9] on turbulent natural convection flow
and heat transfer in an asymmetrically heated vertical
channel. The channel was formed by two vertical par-
allel plates. One plate was heated by imposing a uni-
form heat flux along the plate and the opposite plate
was adiabatic. The channel under investigation was
4980 mm high and spanned 950 mm. The channel was
open at the bottom and top and was installed in a
laboratory room which was 6107 mm high. Experi-
ments were performed with channel widths of 50, 100
and 200 mm, and local heat transfer coefficients were
determined at the heated wall. The experimental data
reported can be used to check the validity and appro-
priateness of the turbulent, two-dimensional flow and
heat transfer model developed.

The theoretically predicted kinetic energy of tur-
bulence k[ = (v'*+ 02+ w'?)/2] per unit mass and the
experimentally measured component distributions are
illustrated in Fig. 2. The w'? was not reported by
Miyamoto et al. [9], but it _is believed to be much
smaller than v"%. Since the # and v”> were not mea-
sured at the same spatial locations across the channel,
no attempt is made to add the two components. How-
ever, experimental data clearly show that the longi-
tudinal pulsation component (v'?) prevails over the
cross-stream one (x%). The turbulence intensity and
instantaneous ( fluctuating) air temperature upstream
of the channel inlet were not measured and reported
by Miyamoto et al. [9], therefore, the calculations
were performed and are presented in Fig. 2 for four
different turbulence intensities upstream of the chan-
nel inlet (i.e. Tu, = 0, 10, 15 and 20%). Comparison
of predictions with the data shows that the agreement
between them is best when the turbulence intensity at
the inlet to the channel Tu, is 15%. The low Reynolds
number k—¢ turbulence model adopted appears to be
capable of simulating the turbulence characteristics in
an asymmetrically heated vertical, parallel-plate chan-
nel under buoyancy driven flow conditions.

Figure 3 shows a comparison between the measured
and theoretically predicted wall temperatures along
the heated wall of the channel. The results show that
for Tu = 0% the wall temperature is overpredicted
for 0.4 < y <4 m compared to the measured data
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Fig. 2. Effect of turbulence intensity at inlet to a channel on kinetic energy of turbulence for ¢, = 104
Wm2and W=0.1m.

0% Tu at inlet

L l-—---—" 10% Tu at inlet
| |- 15% Tu at inlet
20% Tu at inlet
B a Exp. data
(Miyamoto et al., 1986)

Fig. 3. Comparison of predicted and measured wall tem-
perature variations along a heated vertical wall for g, = 104
Wm?and W = 0.1 m.

and the transition from laminar to turbulent flow is
predicted too latz (y > 3.6 m) up along the channel
wall. The wall temperature is overpredicted by about a

maximum of 36% at y = 3.7 m. Of the three remaining
cases (i.e. Tu,= 10, 15 and 20%), the agreement
between the calculated and measured wall tem-
peratures appears to be the best for Tu, = 15%. This
finding supports the conclusion reached when dis-
cussing the calculations of the kinetic energy of tur-
bulence k in the preceding paragraph and further
refinement of Tu, values at inlet is not warranted. The
comparison shown in the figure is quite critical and the
reasonably good agreement of data with predictions
provides some additional confidence in the model
capabilities.

A comparison between the predicted and measured
mean (i.e. time-averaged) vertical velocity dis-
tributions at two different heights along the channel
is given in Fig. 4 and it is made for one of three
experiments for which the velocity data were reported
by Miyamoto et al. [9]. The calculations were per-
formed by assuming that the turbulence intensity
upstream of the channel inlet was 15%. During the
course of the numerical iterations, the flow rates indi-
cated a low frequency ‘oscillations’ in the overall mass
balance for the channel. The velocities reported in the
figure are the results at the iteration number 1000.
Close to the exit of the channel, at y = 3.865 m, the
flow is nearly developed and the vertical velocity pro-
file predicted is very smooth (see Fig. 4(b)). Also, the
predictions are in surprisingly good agreement with
the measured data for both locations. In the vicinity
of the heated left wall the vertical velocity is somewhat
overpredicted, but in the vicinity of the adiabatic right
wall the velocity is underpredicted; however, in
general, the measured and calculated average vel-
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1
—/—— Prediction

| A Exp. data ]
- (Miyamoto et al., 1986) 1

—{— Prediction

] m Exp.data .

0.8 |- (Miyamoto, et al., 1986) ]

Fig. 4. (a) Comparison of predicted and measured vertical velocity component distributions in an asym-

metrically heated, vertical parallel-plate channel for ¢, =208 Wm~2, W =0.1 m, y =0.820 m and

Tu, = 15%. (b) Comparison of predicted and measured vertical velocity component distributions in an

asymmetrically heated, vertical parallel-plate channel for ¢, = 208 Wm™2, W =0.1 m, y = 3.865 m and
Tu, = 15%.

ocities are in good agreement with each other. Note ”" pdx) at the location y = 3.865 m [v,(y = 3.865
also that the velocity profile calculated is not sym- m) = 0.583 ms~'] is larger than that at y = 0.820 m
metric about the central plane of the channel (i.e. is [v,(y = 0.820 m) = 0.571 ms~'] owing to an increase
considerably) owing to-asymmetric heating. in the average fluid:temperature in the downstream

The bulk streamwise velocity (v, = [{pvdx/ direction. The difference is relatively small because
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Fig. 5. Comparison of predicted and measured temperature distributions in an asymmetrically heated,
vertical parallel-plate channel for ¢, = 208 Wm™2, W = 0.1 m, and Ty, = 15%.

the bulk temperature increases only modestly [from
To(y =0.820 m) =14.59°C to T,(y=3.865 m)
= 21.82°C]. However, Fig. 4 reveals that the velocity
distribution at y == 0.820 m is ‘wrinkling’ and there is
a region in the vicinity of the adiabatic (cold) wall
(0.6 < x/W < 0.85) where the local velocity at
y=0.820 m is larger than the local velocity at
y = 3.856 m. This behavior is attributed to the fact
that the flow transitions from laminar to turbulent at
0.8 < y £ 0.9 m. The heat and momentum transport
mechanisms in this region are very complex and can-
not be readily explained through the basic concepts
of thermal buoyancy induced flow.

A comparison of the measured and predicted tem-
perature distributions in the air at two vertical
locations along the channel is shown in Fig. 5. The
results are for the same experiment for which the
vertical velocity component profiles were discussed in
the preceding paragraph. The experimental data
reveal greater turbulent mixing than predicted by the
model calculations. The numerical results are based
on the assumption of an adiabatic right (x/W = 1.0)
wall, but radiation from the hotter left wall (x/ W = 0)
apparently heated the right wall and made it non-
adiabatic. This is clearly indicated by a small rise in
the experimental air temperature data in the vicinity
of the right wall. However, despite these differences
the measured and predicted temperature gradients in
air at the hot wall are in very good agreement with
each other. This finding is encouraging and suggests
that the low Reynolds number k—¢ turbulence model
has capability to predict local convective heat flux

in an asymmetrically heated vertical channel under
natural circulation conditions.

Velocity, temperature and local Nusselt number dis-
tributions. Figures 6 and 7 illustrate some typical
results for the vertical velocity component and tem-
perature distribution along an asymmetrically heated
vertical channel, respectively. The results are for a
uniform wall temperature boundary condition and
Tu,=0%. Even for a very large aspect ratio
(H/W = 80) channel, the velocity profile is not fully
developed. The velocity profile still changes from
y/H = 71 to y/H = 80 (Fig. 6). The results also show
that the velocity profile is not symmetrical about the
midplane x/W = 0.5 of the channel. This is due to the
fact that the local buoyancy force is larger near the
hot (left) wall than near the adiabatic (right) wall. As
is evident from the temperature profiles shown in Fig.
7, the local buoyancy force continues to change even
near the top of the channel (70 < y/H < 80) as the
bulk temperature increases with the distance from the
inlet of the duct. The temperature profiles near the
hot wall reveal that there is a transition from laminar
to turbulent flow at y/H ~ 50. At this location the
temperature gradient increases rather abruptly con-
firming the transition ; unfortunately, because of the
density of the curves in the immediate vicinity of the
hot wall these changes in the thermal structure cannot
be clearly revealed.

The local Nusselt number distributions along the
heated wall of the channel are illustrated in Fig. 8.
The results show that for Gr = 2 x 10° and Tu, = 0%
the flow is still laminar even at the top of the channel,
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1.8 ——————

vivy,

—O0—— yW=0.11
———— yW=353
—v— y/W=14.85
——>—— y/W=33.63
——4—— yW=54.51
—0—— yW=70.72
—O0—— y/W=80.00

Fig. 6. Predicted distributions of the vertical velocity component in an asymmetrically heated, vertical
parallel-plate channel for Gr = 6 x 10°, Pr = 0.707, H/W = 80, T, = 80°C, Tu, = 0, and v,, = 1.173 ms™".

Fig. 7. Predicted temperature distributions in an asymmetrically heated, vertical parallel plate channel for
conditions of Fig. 6.

but for Gr = 4 x 10° the flow transitions from laminar  of transition moves closer to the inlet of the channel.
to turbulent at y/H = 0.84, and this is clearly revealed For Gr = 1x10° the transition will take place at
by the sudden increase in the local Nusselt number. y/H = 0.64. An increase in the intensity of turbulence
As the Grashof number is increased further, the point  at the inlet to the channel (7u,) moves the transition
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Gr=2x10°, Tu,=0 % I
Gr=4x10°, Tu,=0 %
Gr=6x10°, Tu,=0 %
Gr=1x10°% Tu,=0 %
Gr=1x10°% Tu,=10 % ]
Gr=1x10°% Tu,=30 % 1

point even further upstream. It is expected that for
very high Grashof numbers the flow would be tur-
bulent at or near the inlet to the channel.

Scaling relations. In order to develop some more
general understanding of the flow and heat transfer in
an asymmetrically heated, vertical parallel-plate chan-
nel under natural circulation conditions, extensive
parametric calculations were performed. The laminar,
transition and eventually fully turbulent flow regimes
were present in the channel under the physical con-
ditions analyzed. The averaged results were plotted to
obtain some relevant scaling relations. Figure 9 shows
the dependence of induced mass flow rate (pro-
portional to the Reynold number Re) vs the Grashof
number (Gr = gBATW?/v?), which is related to the
buoyancy driving force. In this plot the data could not
be represented as a function of the scaling parameter
Gr(W/H) alone. The data cannot collapse onto a sin-
gle line, as the aspect ratio of the channel H/W appears
to be an additional correlating parameter. However,
there is an asymptotic limit depicted by the continuous
straight line which is defined by the results for higher
Grashof numbers within each set of aspect ratios
HiW.

A somewhat different representation of the induced
flow rate (i.e. also induced mean vertical velocity in
the channel) is given in Fig. 10. A much better cor-
relation of the results is obtained and numerical data
for different aspect ratios collapse onto a single line.
In this dimensionless form, the induced air flow rate
in the channel can be correlated by the empirical equa-
tion

y/H

Fig. 8. Effect of the Grashof number and the turbulence intensity at the inlet to the channel on the local
Nusselt number distributions along a heated wall for a channel having an aspect ratio H/W = 80.

Re/(2Gr) = 1.95[GrPr(W/H)] %>

or Re/Gr =39(GrPr(W/H)]~*>. (16)
The above equation is identical to the one proposed by
Miyamoto et al. {9] for flow induced along a vertical
channel with one wall heated uniformly by imposing a
constant heat flux boundary condition. The equation
also agrees well with experimental data of Miyatake
et al. [9], available numerical results for small
GrPr(W/H)(< 1x10%* and numerical predictions for
laminar free convection from a single vertical plate
with an imposed uniform heat fiux [24]. Equation (16)
reveals that the induced mass flow rate in the channel
(pov,) depends on temperature difference AT and geo-
metrical parameters as follows :

povo ~(AT/WH)' (H|W). amn

The dependence of the average Nusselt number
(Nu = [ Nu, dy/H) on the buoyancy force parameter
[GrPr(W/H)] is illustrated in Fig. 11. All of the data
for different aspect ratio channels are correlated by
an empirical equation

Nu = 2.10[GrPr(W/H)]'?. (18)

The above equation is a least-squares fit of the data
for the range of parameters investigated. Note that
Tu, was set to be equal 0%.

For an identical physical situation, but for laminar
flow, Miyatake and Fujii [13] obtained the following
empirical correlation for the average Nusselt number
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Fig. 9. Dependence of dimensionless induced flow rate (mean velocity) on the buoyancy driving force (Gr)
for Tu, = 0.
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Fig. 10. Effect of the dimensionless induced flow rate on the dimensionless buoyancy force for Tu, = 0.
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Fig. 11. Variation of the dimensionless average heat transfer coefficient (Nu) along the heated vertical wall
with the dimensionless buoyancy force (Gr) for different inlet turbulence intensities (7%,).

Nu = 0.613[GrPr(W/H)]'". (19)

This expression is valid for Pr=0.7. For small
GrPr(W/H) < 1, the average Nusselt number is given
by

Nu = —IIEGrPr( WiH). (20)
As GrPr(W/H) increases the slope decreases from
unity as given by the above equation to 1/4 as indi-
cated by equation (19) at GrPr(W/H) = 300. Miya-
take and Fujii [13] have shown that there is very
little effect of the inlet velocity profile on the average
Nusselt number for Pr = 0.7.

Equation (18) shows that the average heat transfer
coefficient along the heated wall of the channel for the
turbulent natural convection is given by the following
dependence

@n

Note that the induced mass flow rate and the average
convective coefficient increases with the temperature
difference between the hot wall and the ambient air
temperature, but this dependence is rather weak (i.e.
~AT'®), 1t should also be emphasized that the cor-
relating equation was derived by neglecting radiation
heat exchange between the heated and the adiabatic
walls. At large ATs radiation heat exchange between
the two walls will become significant. The right (‘adia-
batic’) wall will be heated and the assumption that it is
insulated will no longer be appropriate. This is evident

Ko (AT/WH)'.

from the experimental data shown in Fig. 5 and was

discussed in detail in the respective subsection.
Another interesting scaling relationship can be

obtained by combining equations (17) and (21), i.e.

h~ povo(HW)™'.

It means that the average heat transfer coefficient for
the buoyancy driven flow in the vertical parallel-plate
channel is proportional to the induced mass flow rate
and inversely proportional to the channel aspect ratio.

The effect of the turbulence intensity at inlet to the
channel Tu, has also been investigated and the results
are summarized in Fig. 11. As expected, inlet tur-
bulence increases Nusselt numbers and the increase
in nonlinear. The results show that the functional
dependence of Nu vs GrPr(W/H) is not affected by
Tu, as the slope of the straight lines remains the same
and only the coefficient is increased by increasing Tu,.

22)

CONCLUSIONS

Turbulent buoyancy-driven flow and heat transfer
characteristics in an asymmetrically heated, vertical
parallel-plate channel force have been studied. Based
on the numerical results obtained the following con-
clusions can be drawn:

(1) Comparison of the available experimental data
and model prediction suggests that the low Rey-
nolds number k— turbulence model is capable
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of predicting heat transfer in thermal buoyancy-
driven flows.

The turbulence intensity at the inlet to the channel
affects the location of transition from laminar to
turbulent flow as well as the average heat transfer
coefficient.

Scaling relations for the Reynolds and average
Nusselt numbers have been developed in terms of
relevant dimensionless parameters.

Detailed experimental flow, heat and mass trans-
fer data are needed to further validate the two-
dimensional transport analysis and the appro-
priateness of the low Reynolds number k—¢ tur-
bulence model. The greatest computational uncer-
tainty is in the prediction of the correct location
for transition from laminar to turbulent flow.
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